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" A new design method for Organic Rankine Cycle was proposed.
" The method directly relates the thermal efficiency with the turbine power output.
" The higher turbine inlet temperatures reduce the turbine inlet pressures to decrease the system thermal efficiency.
" The optimal running condition appears at the saturated or slightly-superheated vapor state at the turbine inlet.
" The exergy destructions by each component of the ORC were identified.
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a b s t r a c t

A design method for ORCs is newly proposed to fully couple the ORC with the heat source. The heat
source is characterized by the mass flow rate, inlet and outlet heat carrier fluid temperatures. Example
cases were performed to study the optimal running parameters for ORCs with constraint of given heat
source and pinch temperature difference in evaporators. Benzene is selected as the working fluid. The
results show that a higher turbine inlet temperature requires a lower turbine inlet pressure, leading to
a lower system thermal efficiency. The optimal (maximum) thermal efficiency appears at the saturated
or slightly-superheated vapor state at the turbine inlet. The pinch temperature differences in evaporators
strongly influence the system thermal efficiency. At higher turbine inlet temperatures, either the con-
denser or the evaporator contributes the major exergy destruction, depending on the flue gas inlet tem-
peratures. At lower turbine inlet temperatures, the evaporator, expander and condenser are the first,
second and third contributions of the exergy destruction to the whole system. The exergy destruction
by the condenser is significantly decreased with decreases in the turbine inlet temperatures.

� 2012 Elsevier Ltd. All rights reserved.
1. Introduction

Low grade thermal energy (heat) such as waste heat, geother-
mal, and heat from low to moderate temperature solar collectors,
accounts for more than one half of the total heat generated world-
wide [1–4]. A large amount of waste heat is directly released to the
environment by industries. It is shown that the aluminum smelters
in Canada produce 80 PJ of waste heat annually. If only 10% of this
energy was recovered to produce useful work, Canadian aluminum
producers could save up to 96 millions dollars per year, and reduce
the green house gas emissions by about 0.45 megatons per year
[5]. This is only one example illustrating the importance of recov-
ering industrial waste heat. Great progresses have been made to
ll rights reserved.

.

recover the waste heat and produce useful work, allowing indus-
tries to become more energy efficient and to improve their produc-
tivity. For the past 20 years, extensive researches have been
performed on the Organic Rankine Cycle (ORC) for the main pur-
pose of converting low temperature heat (80 �C < T < 300 �C) into
electricity [6–10].

Studies on the ORC can be summarized into the following sorts:
(1) Modify the basic ORC to have higher thermal efficiency. For in-
stance, including an internal heat exchange (IHE) in the cycle can
improve the thermal efficiency [11–13]. (2) Select suitable working
fluids for high (�300 �C) and moderate temperature (below 200 �C)
heat sources [14–23]. Most working fluids do not work well over a
wide temperature range (300–100 �C) of the heat source. (3) Re-
place subcritical Rankine cycles with supercritical Rankine cycles
to have better thermal performance [24–26]. (4) Replace pure
working fluids with zeotropic mixture working fluids to have

http://dx.doi.org/10.1016/j.apenergy.2012.04.035
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Nomenclature

Cp specific heat (kJ/kg K)
e specific exergy (kJ/kg)
E exergy (kW)
h specific enthalpy (kJ/kg)
I exergy destruction (kW)
m mass flow rate (kg/s)
P pressure (MPa)
Q heating power (kW)
s specific entropy (kJ/kg K)
T temperature (K)
W power (kW)

Greek symbols
a the angle for the line CD with respect to the horizontal

axis Q in Fig. 2
D difference of quantities or triangle
g efficiency

Subscripts
1–7 points corresponding to Fig. 1
a absorb heat for Qa or available
con condenser
ex exergy
eva evaporator
exp expander
f organic fluid
gas flue gas
i component
in inlet
out outlet
ORC Organic Rankine Cycle
p pinch point or pump
s isentropic
sat saturation
sys ORC system
t turbine or expander
u used
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better thermal performance [27–31]. (5) Search optimal conditions
for ORCs [24,32–37].

Bianchi and Pascale [9] noted that among small size bottoming
cycle technologies, the identified solutions which could allow to
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Fig. 1. The basic ORC and a typical T–s diagram.
improve the energy saving performance of an existing plant by
generating a certain amount of electric energy are: the Organic
Rankine Cycle, the Stirling engine and the Inverted Brayton Cycle.
The authors provided a parametric investigation of the thermody-
namic performance of different systems. A comparison with other
existing energy recovery solutions was performed to assess the
market potential, showing the highest electric efficiency values of
more than 20% with reference to the input heat content with the
ORC.

Roy et al. [22] presented an analysis of non-regenerative ORC
based on the parametric optimization using R12, R123, R134a and
R717 as working fluids superheated at constant pressure. A com-
puter program was developed to optimize and compare the system
and second law efficiency, irreversibility of the system, availability
ratio, work output, mass flow rate with increase in turbine inlet
temperature under different heat source temperatures. It is found
that R123 produces the maximum efficiencies and turbine power
with minimum irreversibility for employed constant as well as var-
iable heat source temperatures. Hence, R123 may be the better
choice of the working fluid for converting low-grade heat to power.

Wang et al. [23] experimentally studied the performance of a
low-temperature solar recuperative ORC using working fluid of
R245fa. The experimental setup consisted of throttling valves, li-
quid pumps, air cooled condensers and a flat plate collector to
gather solar energy. The introduction of a recuperator did not im-
prove the thermal efficiency obviously (remaining constant of
about 3.67%) at constant fluid flow rates. Preheating caused the in-
crease of the collector inlet temperature, lowering the collector
efficiencies and overall system efficiencies. Both the thermal and
collector efficiencies could be improved significantly by adjusting
the working fluid flow rate to an appropriate value based on the so-
lar heat flux.

Wang et al. [31] presented an experimental study of a low-tem-
perature solar Rankine cycle system for power generation. The cy-
cle performances of pure R245fa and zeotropic mixtures of R245fa/
R152a (0.9/0.1) and R245fa/R152a (0.7/0.3) were compared using
the experimental prototype. The collector efficiency and thermal
efficiency of zeotropic mixtures are higher than pure fluid of
R245fa, indicating the potential of using zeotropic mixtures for
overall efficiency improvement.

Zhang et al. [24] performed an investigation on the parameter
optimization and performance comparison of the fluids in
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subcritical ORC and transcritical power cycle in low-temperature
(i.e. 80–100 �C) binary geothermal power system. The choice of
working fluid varies the objective function and optimized
operation parameters are not all the same for different indicators.
R123 in subcritical ORC system yields the highest thermal
efficiency and exergy efficiency of 11.1% and 54.1%, respectively.
It is concluded that R125 in transcritical power cycle shows excel-
lent economic and environmental performance and can maximize
utilization of the geothermal, which is preferable for the low-
temperature geothermal ORC system. R41 also exhibits favorable
performance except for its flammability.

Quoilin et al. [36] described the behavior of a small-scale ORC to
recover energy from a variable flow rate and temperature waste
heat source. A dynamic model of the ORC was proposed focusing
on the control strategy for part-load, start up and shutdown of
the ORC system. Three different control strategies were proposed
and compared. They show that the predictive model based on
the steady state optimization under various conditions shows the
best results.

Li et al. [37] presented low temperature solar thermal electric
generation system, consisting of compound parabolic concentra-
tors (CPCs) and Organic Rankine Cycle (ORC) working with HCFC-
123. A novel design was proposed to reduce heat transfer irrevers-
ibility between conduction oil and HCFC-123 in heat exchangers.
Three factors have major impact on the annual electricity output
and should be the key points of optimization: (1) The annual
received direct irradiance can be significantly increased by two
or three times optimal adjustments. (2) Two-stage collectors con-
nected with the heat exchangers by two thermal oil cycles can
improve the collector efficiency by 8.1–20.9% in the simultaneous
processes of heat collection and power generation. (3) On the use
of the available market collectors the optimal ORC evaporation
temperatures are around 120 �C.

For an ORC with a pure working fluid, the organic fluid shall
have the states of subcooled liquid, saturated liquid, saturated va-
por consecutively by the continuous heating. Evaporation takes
place at a saturation temperature in the two-phase region. Further
heating yields the superheated vapor at the outlet. Due to the iso-
thermal boiling of the organic working fluid in evaporators, there is
a poor match between the heat carrier fluid of the heat source and
the organic working fluid. This is the reason why many people are
searching supercritical Rankine cycle, or the cycle with binary
working fluids, to improve the thermal match between the heat
carrier fluid and the organic working fluid.

Even though many authors noted that the pinch temperature
difference in evaporators is important for the ORC, the ORC is ana-
lyzed without complete coupling with the heat source. Usually, the
pressure and temperature of the turbine inlet are optimized to
have good cycle performance. The turbine inlet temperature may
be lower than the heat source temperature. The heat source tem-
perature actually is the heat carrier fluid temperature entering
the evaporator. Then the pinch temperature difference analysis
was performed to determine the mass flow rate and the outlet
temperature of the heat carrier fluid. Because the mass flow rate
and the outlet temperature of the heat carrier fluid are not speci-
fied initially, the thermal efficiency of the ORC has nothing to do
with the turbine power output. Sometimes the thermal efficiency
is high, but the turbine power output is low. Under such circum-
stance the outlet heat carrier fluid still has relatively ‘‘high’’ tem-
perature, indicating the not full recovery of the waste heat.

From a practical application point of view, engineers are inter-
ested in what are the optimal running parameters for an ORC
under the given mass flow rate, inlet and outlet temperatures of
the heat carrier fluid of the waste heat source. The heat carrier fluid
can be flue gas, water, etc. The objective of this paper is to present a
new design strategy for ORCs, based on the similarity analysis of
two triangles in the T (temperature)–Q (heating power) curve.
With constraint of the heat source and pinch temperature differ-
ence, five cases were computed to identify the optimal running
parameters. Effects of inlet and outlet heat carrier fluid tempera-
tures and pinch temperature differences on the cycle performance
were analyzed. The exergy destruction in various components of
the ORC is discussed. The present design method directly relates
the system thermal efficiency with the turbine power output.

2. The problem statement and its solution strategy

2.1. The problem statement

Fig. 1a shows an ORC coupling with a heat source. The heat
source is characterized with a mass flow rate of mgas, inlet temper-
ature of Tgas,in, and outlet temperature of Tgas,out for the heat carrier
fluid. The heat carrier fluid can be flue gas, water, etc. Here we use
flue gas as a representative fluid with its physical properties identi-
cal to dry air at atmospheric pressure. The flue gas transfers heat to
the ORC by an evaporator. The organic fluid within the ORC has a
saturated or superheated vapor state with a high pressure at the ex-
pander (or turbine) inlet (point 1 in Fig. 1a). Then the vapor expands
in the expander to produce useful power to reach a superheated va-
por state with a low pressure at the turbine outlet (point 2). The
condenser cools the vapor to reach a saturated liquid state at the
pump inlet (point 4). Then the organic fluid is pressurized by a
pump to reach a high pressure at the pump outlet (point 5).

Fig. 1b shows the T–s graph for such a Rankine cycle. The organ-
ic fluid consecutively has a subcooled liquid state at point 5, a sat-
urated liquid state at point 6, a saturated vapor state at point 7, and
a superheated vapor state at point 1, due to the continuous heating
by the heat carrier fluid in the evaporator. The process 1–2s is an
ideal isentropic expansion. A real expansion process is an entropy
increase one (the process 1–2 in Fig. 1b). Alternatively, the contin-
uous cooling by the condenser yields the organic fluid to have a
superheated vapor state at point 2, a saturated vapor state at point
3, and a saturated liquid state at point 4.

Neglecting pressure drops in the evaporator and condenser,
there are two pressures in the ORC: a high pressure of
P5 = P6 = P7 = P1, and a low pressure of P2 = P3 = P4. The isothermal
boiling in the evaporator yields T6 = T7, and the isothermal conden-
sation in the condenser leads to T3 = T4. Usually, the organic fluid is
cooled by air or water with environment temperature. Thus we as-
sume T3 = T4 = 303.15 K (30 �C). The evaporation pressure is
P5 = P6 = P7 = P1 = Psat(T6) = Psat(T7), and the condensation pressure
is P2 = P3 = P4 = Psat(T3).

The new design method is to identify the internal relationship
of various running parameters for the ORC with constraint of given
heat source and pinch temperature difference in the evaporator.
Besides, engineers are interested in the optimal running parame-
ters for the organic fluid. This is a preliminary study using the pro-
posed design method for the ORC, thus the internal heat exchanger
(IHE) is not included in such a cycle.

2.2. The solution strategy

Because mgas, Tgas,in and Tgas,out are given, the total heat received
by the evaporator (or the whole system) is

Qa ¼ mgasCp;gasðTgas;in � Tgas;outÞ ð1Þ

where Cp,gas is the average specific heat of the heat carrier fluid
based on the temperature of 0.5(Tgas,in + Tgas,out). Neglecting varia-
tions of the specific heat versus temperatures, the heat transfer pro-
cess yields the linear curve of AB for the heat carrier fluid in Fig. 2.
The line AB has the following equation:
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Q ¼ mgasCp;gasðT � Tgas;outÞ ð2Þ

The solution strategy consists of two major steps. The first step
is to determine a suitable turbine inlet pressure for a given turbine
inlet temperature, matching the heat source and pinch tempera-
ture difference constraints. The second step is to determine the
optimal running parameters by analyzing the cycle performance
versus a set of turbine inlet temperatures.

We record the turbine inlet temperature as T1 (point F in Fig. 2).
Because P1 is not known at this stage, a P1 is assumed at first. Then
the organic fluid enthalpy at the turbine inlet is h1 ¼ h1ðP1; T1Þ. The
mass flow rate of the organic fluid is decided by the following
equation:

Q a ¼ mORCðh1 � h5Þ ð3Þ

By neglecting the enthalpy increase due to the pumping effect, we
have h5 � h4, in which h4 is the saturated liquid enthalpy at point
4 in Fig. 1.

The T–Q curve for the organic fluid is represented by the curve
CD, DE, and EF (see Fig. 2). Points of C, D, E, and F correspond to
points of 5, 6, 7, and 1, respectively in Fig. 1b. The equation for
the CD part is written as

Q ¼ mORCCp;f ðT � T5Þ � mORCCp;f ðT � T4Þ ð4Þ

where Cp,f is the specific heat of the organic fluid (liquid). The line
AB for the heat carrier fluid and the line CD for the organic fluid
are crossed at the junction point J in Fig. 2. Coordinates at the point
J can be determined by combining Eqs. (2) and (4). The pinch tem-
perature difference (DTP) across the two sides of the heat carrier
fluid and the organic fluid is marked as GD in Fig. 2. Because the tri-
angle GDJ is similarity to the triangle BCJ, i.e., DGDJ � DBCJ, we have

jGDj
jBCj ¼

jJDj
jJCj ¼

jJDj cos a
jJCj cos a

ð5Þ

where a is the angle for the line CD with respect to the horizontal
axis Q. Eq. (5) is further written as

DTP

Tgas;out � T5
� DTP

Tgas;out � T4
¼

Q J � Q P

Q J
ð6Þ

Eq. (6) decides QP at the point D because QJ is already known. By
substituting QP into Eq. (4), the vertical coordinate at the point D
is known as the T6. A new evaporation pressure of P6 can be deter-
mined corresponding to its saturation temperature of T6.

The length of DE is the latent heat of evaporation accounting for
the mass flow rate of the organic fluid, which is expressed as

Q E � Q P ¼ mORChlg;ORC ð7Þ
where hlg,ORC is the latent heat of evaporation for the organic fluid.
Eq. (7) locates the point E.

We note that P1 = P6. The newly obtained turbine inlet pressure
P�1 may be different from the previous P1. Thus the iterative proce-
dure should be performed to repeat the above procedure, until P1 is
converged. We use the criterion of

jP1 � P�1j < 10�6 ð8Þ

where P�1 is the turbine inlet pressure at the current iteration step.
Note that 1–2s is an ideal isentropic process and 1–2 is an en-

tropy increase process in the turbine (see Fig. 1b). The isentropic
efficiency of the turbine is defined as:

gs;exp ¼
h1 � h2

h1 � h2s
ð9Þ

Now we decided all the state parameters in Figs. 1b and 2. The
next step is to perform computations for a set of turbine inlet
temperatures. Analyzing the cycle performance yields the optimal
running parameters. Fig. 3 is the solution strategy illustrated by the
block diagram, helping readers to easily understand the computa-
tion process.



Table 1
The five running cases computed in this paper.

Case mgas (kg/s) Tgas,in (K) Tgas,out (K) Qa (kW) DTp (K)

1 4.623 573.15 363.15 1000 5
2 4.623 573.15 348.15–383.15 905–1071 5
3 4.623 573.15 363.15 1000 15
4 6.131 523.15 363.15 1000 5
5 6.131 523.15 363.15 1000 15

566 Q. Chen et al. / Applied Energy 98 (2012) 562–573
2.3. The cycle performance analysis

After all the state parameters in an ORC are determined, we
compute the exergy destruction and exergy efficiency in various
components of the ORC. The exergy destruction is defined as the
inlet exergy subtracting the outlet exergy, and the exergy effi-
ciency is defined as the used exergy divided by the available
exergy. The reference state is the ambient atmosphere with the
temperature and pressure of 293.15 K and 0.1 MPa respectively.
Expressions of exergy destruction and efficiency for each compo-
nent and the whole system are written as follows based on Mago
et al. [38] and Tchanche et al. [39].

� for the evaporator

Iex;eva ¼ ðEgas;in þ E5Þ � ðEgas;out þ E1Þ ð10Þ

gex;eva ¼
E1 � E5

Egas;in � Egas;out
ð11Þ

where Egas,in and Egas,out are the inlet exergy and outlet exergy of
the heat carrier fluid, E1 and E5 are the outlet exergy and inlet
exergy of the organic fluid, respectively. Iex,eva and gex,eva are
the exergy destruction and exergy efficiency for the evaporator,
respectively.

� for the turbine (expander)

The useful power output is

Wt ¼ mORCðh1 � h2Þ ð12Þ

The exergy destruction and exergy efficiency are as follows

Iex;exp ¼ E1 � ðE2 þWtÞ ð13Þ

gex;exp ¼
Wt

E1 � E2
ð14Þ

� for the condenser

Iex;con ¼ ðE2 þ Ewater;inÞ � ðE4 þ Ewater;outÞ ð15Þ

gex;con ¼
Ewater;out � Ewater;in

E2 � E4
ð16Þ

where Ewater,out � Ewater,in is the used exergy and E2–E4 is the
available exergy for the condenser. The condenser was cooled
by cooling water, with inlet and outlet temperatures of
2931.15 K and 298.15 K, respectively. The flow rate of cooling
water was determined by the dissipated heat by the condenser.

� for the pump

The pumping power is

Wp ¼ mORCðh5 � h4Þ ð17Þ

The isentropic efficiency of the pump is defined as

gs;p ¼
h5s � h4

h5 � h4
ð18Þ

The exergy destruction and exergy efficiency are

Iex;p ¼ ðWp þ E4Þ � E5 ð19Þ

gex;p ¼
E5 � E4

Wp
ð20Þ

� for the whole system
The thermal efficiency is

gORC ¼
Wt �Wp

Qa
ð21Þ

The exergy destruction for the whole system is the sum of the
exergy destruction for each component.

Iex;sys ¼ Iex;eva þ Iex;exp þ Iex;con þ Iex;p ð22Þ

The system exergy efficiency is

gex;sys ¼
Esys;u

Esys;a
ð23Þ

where Esys,u is the used exergy for the whole system and Esys,a is the
available exergy of the system.

3. Results and discussion

3.1. Application of the present ORC design method

ORC is a hot research area in recent years due to the demand of
recovering low grade heat. Articles in the open literature majorly fo-
cused on the discussion of the ORC itself, not coupling with the heat
source. Based on the heat carrier fluid, the heat source can either be
flue gas or water. There are large amount of flue gas waste heat in
industries. Because water–vapor may be included in flue gas, waste
heat recovery includes the sensible heat recovery and latent heat
recovery. For the latent heat recovery, the exit flue gas temperature
should be below the dew point so that latent heat of vapor in the flue
gas can be extracted. Here we deal with the sensible heat recovery.
In Beijing (China) about one-third of the heat supply in winter sea-
son was provided by natural gas boilers. The flue gas with its flow
rate of about 17t/h (�4.7 kg/s) and temperature of 200–300 �C is di-
rectly discharged into environment by each natural gas boiler.
Recovering the waste heat by ORC greatly attracts the heat supply
company. In this paper we arrange five design cases based on the
waste heat source of each natural gas boiler. The major design
parameters are coming from this application background. We use
the flue gas flow rate, inlet and outlet temperatures and pinch tem-
perature difference as the input parameters. The solution strategy
gives a complete set of output parameters such as the system ther-
mal and exergy efficiencies, organic fluid mass flow rate, and run-
ning pressure. Because the total heat extracted from the heat
source is fixed in the solution, the obtained thermal efficiency di-
rectly achieves the effective turbine power. Thus the economic per-
formance by using ORC can be evaluated. In order to explore the
maximum turbine power, we perform the sensitivity analysis of
the flue gas exit temperature on the system performance. All these
results are detailed described in the following sections.

3.2. Running cases

Table 1 shows the five design cases. Cases 1–3 are for the flue
gas mass flow rate and inlet temperatures of 4.623 kg/s and
573.15 K (300 �C). Case 1 is for a fixed flue gas exit temperature
of 363.15 K but case 2 is for a varied flue gas exit temperatures
in the range of 348.15–383.15 K. The maximum turbine power
can be searched by changing the flue gas exit temperature, which
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is a main objective of this paper. Both cases 1 and 2 had the same
pinch temperature difference of 5 K. Case 3 had a pinch tempera-
ture difference of 15 K. Cases 4 and 5 are for a relatively lower inlet
flue gas temperature of 523.15 K (250 �C). The pinch temperature
difference is 5 K for case 4 and 15 K for case 5. For cases 1, 3, 4
and 5, the flue gas mass flow rate is arranged so that the recovery
heat is Qa = 1000 kW (1 MW). The case 2 has a varied recovery heat
because the flue gas exit temperature is changed in a narrow range.
Effect of pinch temperature differences on the cycle performance
can be identified by comparing cases 1 and 3 for a higher inlet flue
gas temperature of 573.15 K, and by comparing cases 4 and 5 for a
lower inlet flue gas temperature of 523.15 K. Alternatively, effect of
the inlet flue gas temperatures on the cycle performance can be
identified by comparing cases 1 and 4 for the pinch temperature
difference of 5 K, and by comparing cases 3 and 5 for the pinch
temperature difference of 15 K. It is noted that the isentropic effi-
ciencies for the turbine and pump are set to be 0.85.
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Many organic working fluids are evaluated in the literature.
However, the objective of this study is to present a new design
method for ORCs coupling with the heat source. Thus only one or-
ganic working fluid, i.e., benzene is used here. Benzene is suitable
for high temperature heat sources and is a dry fluid. The critical
temperature and pressure are Tc = 562.05 K and Pc = 4.894 MPa,
respectively. Because the critical temperature is high and ap-
proaches the inlet flue gas temperature, the ORC should be operat-
ing at subcritical pressure. Besides, benzene is a slightly-poisonous
fluid and has a high auto-ignition temperature for its safe opera-
tion. The physical properties of benzene are computed by the
widely used NIST software.

3.3. Basic cycle performance by the design method

Fig. 4 shows the T–Q curve for case 1. Because the problem uses
the turbine inlet temperature (T1) as the independent parameter,
the determination of the T–Q curves should satisfy the constraint
of heat source and pinch temperature difference. Four curves for
the organic fluid side are given in Fig. 4, corresponding to four dif-
ferent T1 of 561.15 K, 533.15 K, 503.15 K and 473.15 K, respec-
tively. The iterative procedure described in Section 2.2 shows
that the iterative process is not converged for the turbine inlet
temperatures smaller than 473.15 K, indicating that 473.15 K is al-
most the minimum temperature that can satisfy the heat source
and pinch temperature difference constraints. As noted previously,
the organic fluid may have the states of subcooled liquid, saturated
liquid, saturated vapor, and superheated vapor, respectively. For
each T1, the T–Q curve has a horizontal line section indicating the
isothermal boiling. Among the four T1 values presented, the maxi-
mum turbine inlet temperature of 561.15 K requires a minimum
saturation temperature of T6 = T7 = 412.46 K, corresponding to a
minimum turbine inlet pressure of P1 = Psat(T6) = 0.466 MPa. On
the other hand, the minimum turbine inlet temperature of
473.15 K refers to a maximum saturation temperature of
T6 = T7 = 469.36 K, corresponding to the maximum turbine inlet
pressure of 1.353 MPa. It is also found that there is a very small
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Fig. 6. The cycle performance versus the turbine inlet temperatures for case 1.

Table 2
The inlet and outlet exergy, exergy destruction, used and available exergy for
component and system (case 1, T1 = 561.15 K).

Element Ei,in

(kW)
Ei,out

(kW)
Ii (kW) Ei,u

(kW)
Ei,a

(kW)
gex,i

(%)

Pump 0.98 0.87 0.11 0.64 0.75 85.4
Evaporator 396.80 330.11 66.30 295.53 362.94 81.6
Turbine 296.40 275.49 20.91 187.62 208.53 89.9
Condenser 87.87 7.09 80.78 6.86 80.71 7.8
Total

system
396.91 222.19 174.72 186.87 393.94 47.2

Table 3
The inlet and outlet exergy, exergy destruction, used and available exergy for
component and system (case 1, T1 = 473.15 K).

Element Ei,in

(kW)
Ei,out

(kW)
Ii (kW) Ei,u

(kW)
Ei,a

(kW)
gex,i

(%)

Pump 3.17 2.75 0.42 2.46 2.87 85.4
Evaporator 398.68 339.27 59.41 302.86 362.94 83.6
Turbine 192.79 169.79 22.99 237.94 274.39 86.7
Condenser 31.22 6.75 24.47 6.45 30.92 20.9
Total

system
397.81 278.10 119.71 235.07 393.94 59.3
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superheated vapor flow section in the evaporator for the lowest T1

of 473.15 K.
Fig. 5 shows the T–s diagrams with the four turbine inlet tem-

peratures for case 1. The saturation temperatures (points 6–7)
are increased with continuous decreases in the turbine inlet tem-
peratures (T1). Point 1 (turbine inlet state) is gradually approaching
the red1 curve envelope, and it is on the red curve margin for
T1 = 473.15 K (see Fig. 5d). Point 1 is far away from the red curve
envelope for high turbine inlet temperature, thus the entropy in-
crease in the evaporator is also large for high T1 values. Because
benzene is a dry fluid, point 2 is always in the vapor state. The tem-
perature increase by the pumping effect is very small, thus points 4
and 5 almost coincide with each other for all of the four T–s
diagrams.

We identify the cycle performance in Fig. 6 for case 1. The sys-
tem thermal efficiency (gORC), turbine inlet pressure (P1) and mass
flow rate (mORC) are decreased with increases in the turbine inlet
temperatures (see Fig. 6a–c). The decreased thermal efficiency at
high turbine inlet temperature is due to the fact that a high turbine
inlet temperature requires a low turbine inlet pressure to satisfy
the constraints of heat source and pinch temperature difference
in evaporators. A saturated vapor state at point 1 has the optimal
(maximum) thermal efficiency, which is 23.51% at T1 = 473.15 K.
Fig. 6b shows that the turbine inlet pressure P1 is decreased with
increases in T1. But the difference between Psat (T1) and P1 is in-
creased with increases in T1, indicating the increased superheating
degree of the vapor at the turbine inlet with increases in T1. The de-
creased mass flow rate of the organic fluid with increases in T1 is
due to the large enthalpy at high T1. The pressure has mini influ-
ence on the enthalpy in the vapor state. Thus a smaller mass flow
rate of the organic fluid is required to receive a given heat from the
flue gas at high T1 values.

Tables 2 and 3 show the exergy destruction, used and available
exergy for the component and system, which are given for case 1
with turbine inlet temperatures of 561.15 K (Table 2) and
w
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473.15 K (Table 3). The lower T1 condition approaches the optimal
running state. The pump, evaporator and turbine have higher exer-
gy efficiencies than the condenser (see Tables 2 and 3). The con-
denser exergy efficiency is 20.9% at T1 = 473.15 K, and it is
increased with decreases in the condenser inlet temperatures.

The condenser exergy efficiencies are lower than those reported
by Mago et al. [38]. This is because benzene has significantly differ-
ent physical properties with R113 studied by Mago et al. [38]. For
instance, the present study gave T2 = 348.68 K (condenser inlet
temperature) and e = 19.694 kJ/kg (inlet exergy per unit mass flow
rate), corresponding to the available exergy of 19.506 kJ/kg at
T1 = 473.15 K for benzene. Mago et al. [38] gave the condenser inlet
temperature of 340.83 K and exergy of 3.673 kJ/kg for R113, the
available exergy was 3.673 kJ/kg (see Table V in Mago et al. [38]).
Compared with R113 [38], benzene has much larger available
exergy across the condenser inlet and outlet to reach lower con-
denser exergy efficiencies.

The higher system exergy efficiency is also attributed to the dif-
ferent working fluids used in this study and in Mago et al. [38].
Both studies calculated the ORCs with the heat source tempera-
tures of 573.15 K. Benzene has the critical pressure and tempera-
ture of 4.894 MPa and 562.05 K respectively. Thus it is suitable
for the high heat source temperature applications such as encoun-
tered in this study. Thus better evaporator and turbine perfor-
mances are achieved due to the two components working in the
high temperature region, leading to higher system exergy effi-
ciency. However, R113 has the critical pressure and temperature
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of 3.392 MPa and 487.21 K, which is suitable for the medium or
low heat source temperature applications (<473 K). When R113
was used with the heat source temperature of 573.15 K [38], it
yields the lower exergy efficiencies of the evaporator and turbine
due to the two components working in the high temperature
region. But the condenser exergy efficiency is higher because the
condenser is running under low temperature condition.

Fig. 6c further shows component and system exergy efficien-
cies. The exergy efficiencies of evaporator, pump and expander
do not change significantly versus turbine inlet temperatures.
The system exergy efficiency is 59.3% at T1 = 473.15 K and 47.2%
at T1 = 561.15 K.
3.4. The maximum turbine power

The above analysis fixes an arbitrary flue gas exit temperature
of 363.15 K (90 �C). The question may arise on what is the suitable
flue gas exit temperature to achieve the maximum turbine power.
We perform the sensitivity analysis of the flue gas exit tempera-
tures on the system performance. Fig. 7 shows the decreased heat
extracted from the flue gas with increases in the flue gas exit tem-
peratures at the mass flow rate of 4.623 kg/s and inlet temperature
of 573.15 K (see case 2 in Table 1). The system thermal efficiencies
are increased with increases in the flue gas exit temperatures (see
Fig. 7).

Fig. 8 identifies the turbine power, turbine inlet pressure and
mass flow rate of the organic fluid against the flue gas exit temper-
atures. It is interesting to note that the turbine power has a parab-
ola distribution versus the flue gas exit temperatures. With
increases in the flue gas exit temperatures, the turbine powers
are increased, achieve the maximum value at Tgas,out = 358.15 K,
and then decreased. The turbine inlet pressures are increased and
mass flow rates of the organic fluid are decreased with increases
in the flue gas exit temperatures. At the turbine inlet pressure of
1.348 MPa, mass flow of the organic fluid of 1.637 kg/s, the turbine
power attains the maximum value of 243 kW. Considering the
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design parameter of flue gas flow rate of 17t/h and temperature of
573.15 K emitted by each natural gas boiler of Beijing Heat Supply
Company, the ORC technology can create 243 kW electricity with
the flue gas exit temperature of 358.15 K. Assuming the 6 months
operation for each year, the company can generate the electricity
of 1 million KWh and reduce the carbon dioxide emission by
997t annually. Giving the ORC price by 10,000 RMB/kW, the com-
pany can recoup the investment cost by about 2.5 years.

3.5. Effect of pinch temperature differences on the cycle performance

Fig. 9 shows the T–Q curves for two pinch temperature differ-
ences of 5 K and 15 K (see cases 1 and 3 in Table 1). The heat source
is the same for the two cases. The major finding is the decreased
isothermal boiling temperature with increases in the pinch tem-
perature differences. For example, for the 1 MW heat received from
the flue gas, the saturation temperature of T6 (T7 = T6) is decreased
from 412.46 K for DTp = 5 K to 389.95 K for DTp = 15 K, at
T1 = 561.15 K. Correspondingly, the turbine inlet pressure P1 is de-
creased from 0.466 MPa for DTp = 5 K to 0.278 MPa for DTp = 15 K,
causing the decreased thermal efficiency with increases in the
pinch temperature differences. The optimal and maximum thermal
efficiency is being approached when the turbine inlet temperatures
are decreased, which appears at T1 = 473.15 K for DTp = 5 K, and
T1 = 453.15 K for DTp = 15 K. The pinch temperature differences of
5 K and 15 K yield slightly-superheated vapor states at the turbine
inlet, respectively. The isothermal boiling temperatures in the two-
phase region are T6 = T7 = 469.36 K for DTp = 5 K and T6 = T7 =
442.31 K for DTp = 15 K, respectively.
Fig. 10 gives the effect of pinch temperature differences on the
cycle performance. The system thermal efficiency (gORC) and tur-
bine inlet pressure (P1) are decreased with increases in the turbine
inlet temperatures. They are also decreased with increases in the
pinch temperature differences. The maximum thermal efficiency
is 23.51% for DTp = 5 K, and 21.64% for DTp = 15 K (see Fig. 10a).
The deference between the saturation pressure corresponding to
T1 and the turbine inlet pressure P1 is increased with increases in
the pinch temperature differences (see Fig. 10b), indicating the in-
creased vapor superheating degree at the turbine inlet for high
pinch temperature differences. The pinch temperature differences
have small influence on the mass flow rate of the organic fluid
(see Fig. 10c), due to the weakly dependent of the vapor enthalpy
on pressure at the turbine inlet. The increased pinch temperature
differences can slightly enlarge the operation range of turbine inlet
temperatures.

The exergy destruction in various components was examined in
Fig. 11 using the biscuit diagram. At high turbine inlet tempera-
tures of T1 = 561.15 K, the condenser contributes the major exergy
destruction. The evaporator and expander are the second and third
contributors of the exergy destruction (see Fig. 11a and b). Increase
of the pinch temperature differences slightly increases the exergy
destruction contribution for the evaporator, but decreases the
exergy destruction contribution for the expander (see Fig. 11a
and b). The large exergy destruction contribution by the condenser
is due to the enlarged superheating vapor flow section for high tur-
bine inlet temperatures. When the turbine inlet temperature is re-
duced to the optimal condition, the evaporator contributes the
major exergy destruction. The expander and condenser become
the second and third contributors of the exergy destruction (see
Fig. 11c and d). In other words, the condenser has the smallest
exergy destruction except the pump, caused by the significantly
decreased inlet temperature and shortened vapor superheating
flow section in the condenser.
3.6. Discussion of a lower flue gas temperature case

A lower flue gas inlet temperature of 523.15 K (250 �C) was
studied for case 4 with DTp = 5 K and case 5 with DTp = 15 K (see
Table 1). The findings are summarized as follows:

1. The optimal (maximum) thermal efficiency appears at the small
vapor overheating degree at the turbine inlet (see Fig. 12).

2. The system thermal efficiency, turbine inlet pressure and mass
flow rate of the organic fluid are decreased with increases in the
turbine inlet temperatures (see Fig. 13).

3. The high pinch temperature difference lowers the saturation
temperature and pressure in the evaporator, decreasing the sys-
tem thermal efficiency.

4. The mass flow rate of the organic fluid is insensitive to the
pinch temperature differences.

The effect of the flue gas inlet temperatures on the cycle perfor-
mance can be identified by comparing Figs. 12–14 with Figs. 9–11.
The decreased flue gas inlet temperature reduces the turbine inlet
temperature at the optimal condition. For instance, T1 is 473.15 K
(optimal condition) for Tgas,in = 573.15 K (see Fig. 9), but T1 is de-
creased to 433.15 K for Tgas,in = 523.15 K for DTp = 5 K (see Fig. 12).
The maximum system thermal efficiency is decreased from
23.51% for Tgas,in = 573.15 K to 19.61% for Tgas,in = 523.15 K (see Figs.
10a and 13a). The turbine inlet pressures are decreased with de-
creases in the flue gas inlet temperatures (see Figs. 10b and 13b).
Because the received waste heat is the same for (Qa = 1 MW), an in-
creased mass flow rate of the organic fluid is required for a lower
flue gas inlet temperature (see Figs. 10c and 13c).



(a) case 4 with T1=513.15K, TP=5K (b) case 5 with T1=513.15K, TP=15K

(d) case 5 with T1=413.15K, TP=15K(c) case 4 with T1=433.15K, TP=5K
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The changed flue gas inlet temperatures change the exergy
destruction by each component of ORC. At high flue gas inlet tem-
perature of 573.15 K, the condenser gave the maximum exergy
contribution at the high turbine inlet temperature (see Fig. 11).
But the maximum exergy destruction contributor switches to the
evaporator for the lower flue gas inlet temperature (see Fig. 14).
At the optimal condition at the reduced turbine inlet temperatures,
the exergy destruction distributions by each component are similar
for both high and low flue gas inlet temperatures, but the detailed
values are slightly different (see Figs. 11c, d and 14c, d).

3.7. Comment on the new design method for ORC

Previous studies on ORC focus on the thermodynamic analysis
with the cycle alone. After all the state parameters are determined,
a suitable heat source is searched to match the pinch temperature
difference in the evaporator, inducing the system thermal effi-
ciency having no relationship with the turbine power. Under many
situations, a waste heat source is characterized by a given heat
source temperature and mass flow rate. Engineers strongly expect
to decrease the flue gas exit temperature as low as possible, thus a
desired recovery degree of the waste heat is reached to convert
more thermal energy into useful power. The design method guides
engineers to design a thermal power plant driven by the waste
heat with the discharged flue gas temperature as low as possible.
Besides, the method directly relates the system thermal efficiency
with the useful turbine power. The higher the system thermal
efficiency, the larger the useful power output is.
Holding the design method, the heat transfer design should be
continued to reach a full design of the heat exchangers. The
method gives a complete set of boundary conditions for the heat
transfer analysis. For example, after the solution convergence is
reached, all the parameters are determined, including the inlet
and outlet temperatures, mass flow rate, and pressure for the or-
ganic fluid in the evaporator, ensuring very convenient heat trans-
fer design for the evaporator. Besides, the thermodynamic analysis
here specifies the parameter requirement for the selection of the
turbine (or expander) machine, to attain an optimal condition.

The design method also provides a simple, but effective control
strategy for ORCs. After the whole ORC system is finalized, the tem-
perature and pressure at the turbine inlet, and mass flow rate of the
organic fluid should be consistent with each other. In other words,
the three parameters of T1, P1 and mORC are not independent param-
eters. A simple control strategy is to monitor and control the turbine
inlet temperatures. Other parameters automatically adapt the
change of the turbine inlet temperatures, to approach the optimal
running condition, by neglecting the small parameter variations in-
duced by the cooling capability of the environment water or air.

Because there is an isothermal boiling section in the evapora-
tor for a subcritical pressure cycle, leading to the poor match be-
tween the heat carrier fluid and the organic fluid. The design
method will be extended for the analysis of the supercritical Ran-
kine cycle, or the cycle with binary working fluids. Under such cir-
cumstances, there is no isothermal boiling section. The
temperatures of the organic fluid are continuously increased by
adding more heat.
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4. Conclusions

A design method for the thermodynamic analysis for ORCs was
newly proposed, directly relating the turbine power with the
system thermal efficiency and ensuring engineers to recover the
waste heat with its flue gas exit temperature as low as possible.
Benzene is used as the working fluid for the computations of five
cases. With constraint of the given heat source and pinch temper-
ature difference, the system thermal efficiency, turbine inlet pres-
sure and mass flow rate of the organic fluid are decreased with
increases in the turbine inlet temperatures. The optimal condition
appears at the saturated or slightly-superheated vapor state at the
turbine inlet. The increase in the pinch temperature differences
yields the decreased turbine inlet pressure to reduce the system
thermal efficiency. The pinch temperature differences do not have
significant influence on the mass flow rate of the organic fluid. At
higher turbine inlet temperatures, either the condenser or the
evaporator contributes the major exergy destruction, depending
on the flue gas inlet temperatures. At lower turbine inlet tempera-
tures, the evaporator, expander and condenser are the first, second
and third contributors of the exergy destruction to the whole sys-
tem. The exergy destruction by the condenser is significantly de-
creased with decreases in the turbine inlet temperatures. Future
work on the design method will be focused on the analysis of the
supercritical Rankine cycle or the cycle with binary working fluids,
under which there is no isothermal boiling section in the
evaporator.
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